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Introduction

The structural intensity (STI) describes the propagation
of structure-borne sound in vibrating structures from an
energy source to an energy sink. Current research shows
that STI analyses can be used to optimize the vibro-
acoustic behavior of noise radiating structures [1, 2]. The
STI can either be obtained from measurements or from a
finite element (FE) analysis with a subsequent STI calcu-
lation. Although the STI has been investigated for many
years, it is hardly applied in vibroacoustic engineering
today. One reason is the absence of a general reference
to validate STI calculations and measurements. There-
fore, this paper proposes a benchmark case for STI cal-
culations. The benchmark case will be provided via the
benchmark case platform of the European Acoustics As-
sociation (EAA). Thus, this benchmark case follows the
instructions reported in [3]. First, this paper introduces
the general procedure of STI calculations. Second, the
benchmark case will be described. In the third step, a
parameter study is proposed to provide reference results
that can be used by other researchers for validation pur-
poses.

STI calculation

Figure 1 illustrates the general procedure of an STI cal-
culation from an FE analysis. During the model set-up
the geometry is modeled and an energy source as well
as an energy sink needs to be defined. Since STI calcu-
lations are computationally expensive, they are usually
performed in the frequency domain. Thus, it is assumed
that the system vibrates in steady state. Furthermore,
only the STI at the structure’s natural frequencies is com-
puted. In order to find the natural frequencies a modal
analysis is performed. From a subsequent harmonic anal-
ysis at the natural frequencies all necessary quantities can
be obtained to calculate the STI.
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Figure 1: calculation scheme of the STI, steps of the FE
analysis in gray

The STI in general is defined in analogy to the sound
intensity. According to [4] the STI IS(f) in the frequency
domain yields

IS(f) = −1

2
S(f)v∗(f), (1)

where S and v∗ denote the complex mechanical stress
tensor and the conjugate complex velocities, respectively.
Since many vibroacoustic problems deal with the noise
radiated from vibrating shell structures, the STI I′S of
shell structures can be calculated from the internal forces
and moments
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where φ̇
∗

denote the conjugate complex rotational veloc-
ities [5]. The section forces and moments are defined as
illustrated in Fig. 2. In Eq. (2) the prime indicates that
the STI is integrated along the shell thickness. This no-
tation, however, is common in STI literature although
the prime often refers to a derivative. The contributions
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sound waves that propagate in transversal direction (out-
of-plane). It should be noted that the definition of in-
plane and out-of-plane waves is limited to the STI of shell
structures. The real part of the STI describes the prop-
agation of structure borne sound energy and is referred
to as active STI

IS,a(f) = <{IS(f)} , (3)

whereas the imaginary part is the reactive STI

IS,r(f) = ={IS(f)} . (4)

A local maximum of the reactive STI indicates a loca-
tion with maximum kinetic energy, whereas minima are
located at maxima of potential energy [8].
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Figure 2: definition of (a) the internal forces, (b) the internal
moments, and (c) the translational and rotational velocities

The generic car undercarriage as a bench-
mark case

According to [3] a benchmark case is described by (1)
the geometry and propagation medium, (2) a source
and a receiver, (3) the boundary conditions, (4) the
differential equation that is solved, and (5) the quantity
that is computed. From the scope of this paper it is
clear that the latter is the STI as already introduced in
Eq. (2). The points (1) through (4) are subsequently
described.

The mechanical structure incorporated in this bench-
mark case is the generic car undercarriage illustrated
in Figure 3 with the geometry parameters and mate-
rial properties listed in Table 1 and 2, respectively. The
structure has a rectangular shape with a trapezoidal tun-
nel to surround the transmission shaft. The car undercar-
riage is generic, i.e., simplified, but still a typical mechan-
ical structure where STI analyses are performed, since
such an automotive structure is subject to vibroacous-
tic analyses and optimization procedures. The source of
structure borne sound energy and, thus, noise is a har-
monic point force with the amplitude F̂ = 1 N acting at
the position (x0, y0). The energy sink (or receiver) is the
radiated noise of the structure. The radiated noise is es-
timated by the equivalent radiated power (ERP) defined
as

PERP(f) =
1

2
ρc

∫
S

<{vn(f)v∗n(f)} dS, (5)

where ρ denotes the air density, c the speed of sound in
air, S the area of the vibrating surface, and n denotes
the normal direction.
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Figure 3: model of the generic car undercarriage

Table 1: geometry parameters of the generic car undercar-
riage

parameter value in mm parameter value in mm

a 1350 h 130
a1 258 t 5
a2 130 x0 500
b 1470 y0 500

Table 2: material properties of the generic car undercarriage

property nomenclature value unit

Young’s modulus E 70 · 109 N/m2

Poisson’s ratio µ 0.33 –
mass density ρ 2700 kg/m3

material loss factor η 0.005 –

Three different boundary conditions are applied to the
outer edges of the undercarriage: (1) fixed, i.e., transla-
tional and rotational displacements are set to zero, (2)
simply supported, i.e., only translational displacements
are set to zero, and (3) free, i.e., neither translational
nor rotational displacements are restrained. Since the
STI analysis of the undercarriage requires an FE analy-
sis (see Fig. 1), the governing equation of the problem is
the well-known vibration differential equation(

K− Ω2M + iΩB
)
u = F, (6)

where K, M, B, and F denote the stiffness matrix, the
mass matrix, the damping matrix, and the load vector,
respectively. u is the vector of displacements and Ω is the
angular frequency. According to [6] the damping matrix
yields

B =
1

Ω
ηK, (7)

since a constant material loss factor is used (see Table 2).
Setting B = 0 and F = 0, the well-known eigenvalue
problem of the undamped system is obtained(

K− ω2M
)
ũ = 0, (8)
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with the natural angular frequencies ω and the mode
shapes ũ. In order to calculate the first N natural fre-
quencies, a Block Lanczos eigenvalue extraction is used
to solve Eq. (8). Considering each natural frequency as
excitation frequency of the harmonic analysis, Eq. (6) is
solved by a sparse solver. Table 3 summarizes the bench-
mark case and categorizes it according to [3].

Table 3: summary of the benchmark case

name car undercarriage

categories bounded
3D
radiation
frequency domain

equations Eqs. (8), (6), and (2)
geometry Figure 3
boundary conditions outer edges fixed

outer edges simply supported
outer edges free

source harmonic force F̂ = 1 N at x0 = 500 mm
and y0 = 500 mm

receiver ERP, Eq. (5)
quantity STI, Eq. (2)

Parameter study

Since this parameter study will provide reference results
for validation purposes, each step of the entire STI cal-
culation procedure (see Figure 1) needs to be validated.
This requires a large amount of data to be analyzed.
Thus, this paper focuses on the most important results.
For the full set of the results the reader is referred to the
online resource [7].

The FE model of the undercarriage is set-up according
to Figure 1 with the different boundary conditions listed
in Table 3. A structured mesh of shell elements with
quadratic shape functions is used. The elements’ sizes
are 25 mm to ensure approx. 20 elements per flexural
wavelength for the first N = 25 natural frequencies.
Table 4 lists the natural frequencies fn calculated from
the modal analysis. It should be noted that double
natural frequencies occur, e.g., f1 and f2, f3 and f4,
etc. of the undercarriage with fixed and simple support.
The corresponding mode shapes are equal in their
number of antinodes, but the phase relation between
the antinodes differs, see Fig. 4. In order to validate the
results of the harmonic analysis the ERP is calculated
according to Eq. (5). Figure 5 illustrates the level of the
ERP at the first 25 natural frequencies.

The real part and the imaginary part of the STI are illus-
trated in Fig. 6 for the simply supported undercarriage
at the natural frequency f17 = 249.13 Hz. The maximum
of the real part is located at the excitation position. Fig-
ure 7 illustrates the out-of-plane and in-plane parts of the
STI. The out-of-plane STI qualitatively matches the real
part of the STI (see Fig. 6), since the excitation force acts
in global z-direction, thus, mainly exciting out-of-plane

waves. At the transmission tunnel the out-of-plane waves
turn into in-plane waves. Figure 8 illustrates the STI for
the free boundary condition at f1 = 8.65 Hz. Maxmima
of the STI are found not only at the excitation position,
but also at the outer edges of the transmission tunnel.
However, this is rather a numerical error than a physical
phenomenon, since the kinetic energy is non-zero at the
edges due to the free boundary condition. This causes
an increased imaginary part of the in-plane waves, see
Figure 9.

Table 4: natural frequencies in Hz of the undercarriage for
the investigated boundary conditions

n fixed simple free n fixed simple free

1 86.99 60.84 8.65 14 253.79 208.40 101.96
2 87.01 61.04 12.18 15 280.38 233.94 104.85
3 102.81 75.58 18.69 16 281.42 234.80 104.97
4 103.12 75.79 28.77 17 289.77 249.13 105.21
5 130.49 101.20 28.84 18 289.86 249.21 110.76
6 130.77 101.41 36.90 19 307.78 271.46 110.80
7 171.06 138.69 41.46 20 319.66 272.08 124.65
8 171.26 138.85 45.17 21 320.43 307.11 124.86
9 224.29 188.05 46.47 22 367.13 320.23 134.32
10 224.43 188.17 50.50 23 367.19 320.71 134.77
11 231.14 188.92 50.69 24 370.79 321.77 169.10
12 235.01 191.01 80.82 25 371.37 321.82 169.42
13 252.39 207.38 80.98

(a) mode shape at 60.84 Hz, antinodes are
out-of-phase

(b) mode shape at 61.04 Hz, antinodes are
in-phase

Figure 4: the first two mode shapes of the simply supported
undercarriage
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Figure 5: ERP at the natural frequencies of the undercar-
riage for the investigated boundary conditions
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0.349E-09
0.001337
0.002674
0.004011
0.005348
0.006686
0.008023
0.00936
0.010697
0.012034

(a) real part

0.435E-07
0.432E-03
0.864E-03
0.001296
0.001728
0.002159
0.002591
0.003023
0.003455
0.003887

(b) imaginary part

Figure 6: STI in W/m at f17 = 249.13 Hz for the simply
supported undercarriage
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(a) out-of-plane
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0.484E-04
0.581E-04
0.678E-04
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(b) in-plane

Figure 7: out-of-plane and in-plane STI (real part) in W/m
at f17 = 249.13 Hz for the simply supported undercarriage
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Figure 8: active STI in W/m at f1 = 8.65 Hz for the free
boundary condition

Summary

This paper proposes a generic car undercarriage as a
benchmark case that allows for validating STI calcula-
tion schemes. Each step of the entire STI calculation
procedure can be validated, since a full set of results will
be provided online, see [7]. Before the benchmark case
is submitted to the EAA, the influence of the load type
(force on FE node or pressure on FE element) and the in-
fluence of the symmetry on the STI will be investigated.
An experimental validation of STI calculations will be
part of current research activities.

0.911E-05
0.036697
0.073385
0.110073
0.146761
0.183449
0.220137
0.256824
0.293512
0.3302

(a) real part

0.438E-03
0.801823
1.60321
2.40459
3.20598
4.00736
4.80875
5.61013
6.41152
7.2129

(b) imaginary part

Figure 9: in-plane STI in W/m at f1 = 8.65 Hz for the free
boundary condition
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